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An active magnetic bearing (AMB) revolutionizes rotating machinery applications by
eliminating the friction problem of conventional contact bearings and the need for lubrication.
Supporting equipment is necessary as a countermeasure in case the AMB fails to operate or its
magnetic field decreases in power, causing the rotor to fall, known as a dropdown event. An
auxiliary bearing is necessary to prevent direct contact between the rotor and the AMB, as the
AMB itself is not designed to be durable against impact or rotational friction. Therefore, the
auxiliary bearing is designed to absorb and withstand the contact force. The aim of this study is
to find the best design for the auxiliary bearing to decrease the erratic and whirling motion of
the rotor after contact. The nonlubricated Hertzian contact model is used to analyze the rotor
drop dynamics, and the finite element method is used as the basis of the flexible rotor model. A
simulation is carried out using MATLAB software. The simulation reveals the rotor orbit, rotor
response, and contact force, provides a comparison of the stiffness support and damping support
effects, and also predicts the bearing life to provide a new approach for bearing selection. The
results of this study provide the relevant information for selecting the material of the auxiliary
bearing with the most appropriate damping and stiffness properties to disperse the contact force
during a rotor drop event.

1. Introduction

An active magnetic bearing (AMB) is one of the several industrial breakthroughs that have
changed the traditional perception of rotating machinery. An AMB can support a high-speed
rotor without any mechanical friction or lubrication and enables control of the rotor position and
induced vibration by adjusting the support and damping coefficient of the electromagnetic
bearing.l) However, in the case of unpredictable events such as power failure and magnetic
failure, the AMB can lose its ability to support the rotor. The shaft will then fall and might

collide with the AMB. To avoid this potential situation, a countermeasure is necessary. A
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touchdown bearing can be used as such a countermeasure. Touchdown bearings have multiple
names such as retainer bearings, auxiliary bearings, and catcher bearings. Touchdown bearings
are an important part of any high-speed magnetic bearing system and can prevent direct contact
between the rotor and AMB during a rotor drop event by providing a landing pad for the rotor,
thus preventing catastrophic system failure.”) From an economic viewpoint, an AMB can reduce
the operating cost as it has a bearing loss 5 to 20 times less than that of conventional ball or
journal bearings at high operating speeds. An AMB also has a lower maintenance cost and a
longer lifetime than conventional bearings and its reliability under severe conditions has been
demonstrated.®

When an AMB undergoes partial or total failure due to a loss of power, damaged coil, or
another failure mechanism, it loses its ability to stably support the rotor. The rotor will then fall
or drop onto the retainer bearing or magnetic bearing if a touchdown bearing is not present. An
inadequate touchdown bearing design could be dangerous, even if not fatal, for the magnetic
bearing system. Sun et al. presented a detailed bearing model for a magnetic suspension
auxiliary device. Their study showed that the friction coefficient, support damping, and side
loads are critical parameters in retainer bearing design as they can prevent backward whirl or
super whirl. This result is in agreement with the study of Wilkes et al., in which a whirling
phenomenon was generated by the friction between the journal bearing and the axial face of the
catcher bearing.®) Cao et al. presented a detailed formulation for the nonlinear transient analysis
of a rotor dropdown event.® In the dropdown situation, when the rotor drops from the magnetic
bearing to the touchdown bearing, the design parameters of the touchdown bearing have a
significant influence on the rotor behavior. The rotor dynamics can be simulated to determine
the rotor response and behavior. Many researchers have studied touchdown bearing design
parameters to determine the rotor response and behavior. Various parameters of the touchdown
bearing design, such as the friction coefficient, mass of unbalance, stiffness, and damping
support coefficient, have been studied using simulation models.-®)

The rotor in an AMB is levitated by providing a sufficient electromagnetic force. The control
equipment for an AMB consists of four parts: a sensor to measure the rotor displacement from
its reference point, a power amplifier to convert the control signal to the control current, an
electromagnetic field generator to generate the electromagnetic field relative to the control
current, and a microprocessor to derive the control signal from the sensory signal. With its
interconnection of mechanical and electronic components and the use of software as the
interface with the machine, the AMB represents a typical product of mechatronics.(”) There are
two methods of control that are widely used for AMB systems: fuzzy logic and proportional,
integral, derivative (PID) control.

In this study, the effects of damping support and stiffness support are also evaluated. The
damping support and stiffness support in this study are provided by a tolerance ring. This is a
circular device made from thin spring steel strips that have corrugations in their surface. The
strips are made into a ring shape but there is a gap between the strips. The corrugations
themselves may face inwards or outwards depending on the application. The main function of
the tolerance ring is as a fastener between two circular bodies. Tolerance rings have damping
and stiffness properties dependent on their shape and design. Therefore, tolerance rings can also
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be used as thermal expansion compensation devices and to absorb vibrations and compensate for
misalignment.

In this study, which is based on the work of Chen et al., the effects of the stiffness and
damping coefficient of a tolerance ring on the rotor response and the magnitude of the contact
force are evaluated.® The tolerance ring in this study is assumed to be in the AN configuration,
which means that it is placed between the auxiliary bearing and the compressor shell. The
stiffness coefficient of a tolerance ring is related to its geometrical structure and material
properties.

The failure of AMBs generates highly nonlinear behavior or an interaction between the rotor
and touchdown bearings.®~'? Thus, the interaction between the rotor and the touchdown
bearings must be simulated to clarify the uncertainty encountered during a dropdown event
(AMB failure). The uncertainty encountered during AMB failure affects the rotor behavior.
Therefore, we present a dynamic simulation of the rotor to identify its response and behavior
during a dropdown event. The rotor behavior can be seen via the rotor response or rotor motion,
meaning that the rotor must be modeled in the simulation. Some researchers have modeled the
rotor as a rigid rotor in their simulation.(!31¥) However, in this study, the rotor is modeled as a
flexible rotor using the finite element method. The effects of the rotor speed and the touchdown
bearing design (with or without damping support and stiffness support) are examined to analyze
the rotor behavior on the basis of its orbit and response and the contact force. The approach in
this study can be applied to further improve the overall AMB design process (i.e., mechanical,
material selection, and control system aspects).

2. Materials and Methods
2.1 Mathematical model of rotor drop

The AMB system has different equations of motion before and after the dropdown event.
Before the dropdown event, the rotor is supported by the AMB. However, when the AMB power
is lost in the system, the rotor drops onto the touchdown bearing because the AMB cannot
support the rotor stably. Figure 1 illustrates the rotor model, where K. is the contact stiffness that
occurs when there is contact between the shaft and the inner race bearing. K, and C, are the
stiffness and damping of the auxiliary bearing, and K, and C; are the stiffness and damping
support, located outside the outer races if they exist, respectively.

Finally, considering the external forces acting on the rotor, which include the contact force
(F7), touchdown bearing force (F}), unbalance force (F,), and gravity force (F,), the general
dynamic equation of motion of the rotor after the dropdown event is expressed as

Mi+(C+wG)G+Kqg=F,+F, +F, +F,, o)

where M is the mass matrix, C is the damping matrix, G is the gyroscopic matrix, K is the
stiffness matrix, w is the rotation speed, and ¢ is the displacement vector.
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Fig. 1. Rotor model.

2.1.1 Contact force model

When the rotor drops onto the auxiliary bearing, there will be contact between the shaft and
the auxiliary bearing (inner race) because of the change in the clearance. This is called the
auxiliary bearing gap. The air gap for the auxiliary bearing is typically half of the air gap of the
AMB system. Therefore, when contact occurs, it generates a contact force. The following
contact force model used in this study is taken from Liu et a/.:(10

F

ext2 =Fp12 08y 5 —Fjy Hsiny 5, 2

Fo0 =Fo8inyy 5 + Fy 5 cosy 5, A3

where F), is the normal force and F; is the friction force, which acts perpendicular to the normal
force as shown in Fig. 2.

From Fig. 2, the contact angle between the shaft and the inner race bearing can be obtained as
follows:

Y,
yi, =tan' [‘—2} @)

1,2

s

where subscripts 1 and 2 represent the front and rear auxiliary bearings, respectively.
The normal contact force () and friction force (F) are then obtained using

E5r1,2EL o2 1,2 >0,
Fnl,2||: 2 2((R1 _RS)+5}"1,2) (5)

0 1)

r

1,2 < O,
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Fig. 2.  Shaft-inner-race contact model.

where J,. is the shaft/race deflection, which is given by

G120 =+ X1,22 + Yl,22 ~(R —Ry). 6)

Here, X and Y are the coordinates of the shaft center, where R; and R, are the radii of the inner
race and the shaft, respectively. £ is the Young’s modulus of the shaft and L is the contact length.

If contact occurs, the normal force line of the action will be collinear with x(b,). The direction
of the normal force acting on the rotor will be opposite to that of x(b,). A unit vector ¢, pointing
in the normal direction to the force exerted on the rotor can be obtained as

o= XeL,s — XeLb (7)
n - m -
||xcL,s - xcL,b”
Considering the value of ¢,, the normal force is completely determined as
Fyia =||Fn172 ¢ . ®)

When the rotor and auxiliary bearing are in contact, the auxiliary bearing speed will increase up
to the shaft speed, whereas the shaft speed will decrease. These conditions will be affected by
the velocity of both surfaces (inner race surface velocity and shaft surface velocity), which can
determine the friction coefficient (u,) used to calculate the friction force as follows:

Uy, V>V, (kinetic),

M. =3 gy,  Vg=V; (static), )
—tg, vy<v;  (kinetic),

where the inner race velocity (v;) and shaft velocity (v,) can be obtained using
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v, =(o, x R;), (10)

vy =(w; x Ry). 11)

Considering the unit vector in the direction of the frictional force, the equation of the friction
force (F2) is expressed as

Foa=u, Faaé, (12)
¢, N7V (13)
[vi =il

2.1.2 Contact force of touchdown bearing

A system that uses an AMB must be equipped with touchdown bearings as auxiliary
bearings. There are two types of touchdown bearing: ball bearings and sleeve bearings. Ball
bearings are more commonly used than sleeve bearings. Ball bearings have some advantages
over sleeve bearings: as rolling elements, ball bearings have low friction, a compact size, and
unlubricated operation.

A ball bearing consists of a number of moving parts. For each ball bearing, there is a normal
compressive force, a centrifugal force, and gyroscopic moment. However, in this study, the
touchdown bearings are modeled by neglecting their centrifugal force and gyroscopic moment.
Some other researchers have also neglected these forces to reduce the simulation time. When
both forces are neglected, the following equation can be used in the direct method:

0; =k, (14)

The total deformation (6;) and total stiffness (k,;) of the inner and outer ball raceways can be
determined using the Hertzian contact stiffness.!) k; and k,, are the stiffnesses of the inner and
outer ball bearing raceways, respectively, which depend on the geometric and material properties
of the ball and raceways and can be determined as follows:

3/2
k,, = , (15)
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22.5
ki, = . (16)
, 1- i,02 1- ? *\ 1
3 ( Ej,o )+( Ezb) (5 )15 s

Here, v; , is the Poisson ratio of the inner and outer raceways, v}, is the Poisson ratio of the ball in
the bearing, E; , is the Young’s modulus of the inner and outer raceways, £}, is the Young’s
modulus of the ball of the bearing, and z Pio 1s the sum of the inner and outer raceway
curvatures.

The parameter (6*) is a function of the curvature difference F| ), and the relationship between

both values is given in Table 6 of the handbook of Harris and Kotzalas.(1®)

1,2y
fi 1%y
T~ T 2 i
fi 1%y
1 1, 2y
Y =—| d-—t (18)
& Db[ Ji 1_7]

Finally, referring to Karkkainen e al.,(!?) the resultant auxiliary bearing forces applied to the
shaft in the X and Y directions are as follows:

Fy, =—2Qj cosd;, 19)
Jj=1

Fy, ==>0;sin6,. (20)
j=1

2.1.3 Stiffness support and damping support

The original design of the touchdown bearing is improved by adding support components
such as damping support (C,) and stiffness support (K,). Figure 3 illustrates the additional
damping support and stiffness support added to the original design of the touchdown bearing.

The stiffness support value can be calculated using the following formula given by Smith:(18)

3
t
Kspring =4.8x (Espring ) x (W) X [;J s (21)
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Fig. 3. (Color online) Design with damping support and stiffness support: (a) ball bearing with damping support
and stiffness support and (b) placement of the ball bearing stiffness support and damping support.

where E,,;,, 1s the Young’s modulus of the material, w is the width, 7 is the thickness, and p is
the wave pitch. The damping support value depends on the stiffness as follows [taken from

Raol9]:
C,=¢2JK.m, 22)

where ('is the damping ratio of the material, K is the stiffness support, and m is the mass of the
material.

2.1.4 Effect of axial force

During the rotor dropdown event, the touchdown bearing must withstand the load not only
from the lateral direction but also from the axial direction. Whereas the load from the lateral
direction is generated by the external force, the load from the axial direction is generated from
the thrust of the working fluid on the impeller. According to Ref. 19, the basic parameters
determining the axial force are the geometrical dimensions of the impeller and the seal
clearances, in addition to the balance piston geometry and the operating conditions. As
mentioned above, the resultant force is strongly dependent on the pressure, mass flow rate, and
temperature at the inlet and outlet of each impeller.

There are several factors that can affect the thrust force in the axial direction. The factors that
are considered in this study are the force generated from the movement of the fluid against the
impeller surface and the force of the fluid due to the pressure difference. The thermodynamical
force factor is neglected because it is beyond the scope of this study. The affecting forces are
shown in Fig. 4.

The thrust force acting on a single impeller can be written as

Fax,ﬂuid = Fst,in + Esh + Fmom _Fh - Fpis » (23)
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Fig. 4. Thrust force acting on a single impeller.

Here, F, ;, is the static force acting on the impeller inlet, Fy, is the force due to the fluid pressure
difference on the shroud surface, F, is the force due to the fluid pressure difference on the hub

surface, F,,,, is the force due to the momentum of gas acting on the impeller surface, and F,; is
the force on the balance piston.

The most difficult forces to estimate are F;, and F;, which are derived from the flow fluid
dynamics of the shroud and hub, respectively. These two forces are the result of the pressure
force, which varies with the radius. By applying the radial equilibrium in the control volume

cavity, the derivative of the pressure with respect of the radius is obtained:

d
d—’: = prCho’. (24)

Then by integrating this equation, the pressure at a specific radius of the shroud or hub can be
calculated as

2 2
-
Panp(r)=pa — pa@°1] 2fc 1—(—j , (25)

where p is the fluid density, w is the rotor speed,  is the radius, subscript d is the discharge,
subscript s is the suction, and Cy. is the core rotation factor. The core rotation factor is difficult to
estimate without an additional empirical formula. Hence, the core rotation factor is assumed.

Once the pressure distribution is calculated, the force acting on the shroud and hub can be
calculated as

n

Foon= Zp(rl )sh,h A(i)sh,h’ (26)

i=i
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where 4 is the area between two discretization points.
The static force acting on the impeller can be expressed as

2 2
Fst,in = Tc(rseal;sh =7 )ps’ (27)

where p, is the pressure between the shroud seal radius and the impeller suction.
The gas momentum F,,,,, in Eq. (23) can be calculated as

Fmom = vax,sm - Vax,dm’ (28)

where v is the gas velocity inside the cavity and m is the fluid flow velocity.

The balance piston F),;; in Eq. (23) can be expressed as
T2 2
Fpis = Z(Dpis - Dseal,h )ps’ (29)

where D is the diameter of the balance piston and the seal.

Because of the thrust components acting on the shroud and hub, which are in contact on the
surface at certain angles, the thrust component on the shroud and hub can be divided into two
components, which are the z-axis (axial component) and the x- and y-axes (lateral component).
These two forces can be obtained as

F pyz = Fpjp c0s0, (30)
Egppy = Epp S 0. €2y

Because of the symmetrical structure of the impeller, the lateral distribution of the y-axis thrust
component is neglected in all directions; thus, Fy, ;.. can be regarded as 0.

The axial force calculated in this study neglects the balance piston as it is not included in the
simulation. The calculation uses the impeller parameters shown in Table 1.

The relationships between the axial force and the rotor speed obtained using Eq. (23) are
shown in Fig. 5. The axial thrust profile increases exponentially with the rotor speed. This curve
characteristic demonstrates that the axial thrust is a function of pressure and rotor rotation

Table 1

Impeller parameters.

Parameter Data
Core rotation factor 0.5
Discharge pressure 18.29 bar
Suction pressure 8.77 bar
Density 962.55 kg/m?

Mass flow 2.16 kg/s
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Fig. 5. Relation between axial force and rotor speed.

speed. Assuming that the axial contact face is at an angle of 90° to the bearing inner raceway,
then the axial contact force is equal to the axial thrust force.

Because the resonance frequencies of the axial modes are much higher than those of the
lateral modes for the rotor dynamics, the rotor is considered to be rigid in the axial direction, and
the dynamics are modeled using the inertia. The dynamic equation for the contact in the axial
direction is?)

M,: =—F._+KA+Cz, (32)

where M, is the total mass of the rotor, z,. is the axial rotor displacement, £, is the contact force
in the axial direction, K, is the contact stiffness, which is derived from the Timoshenko contact
stiffness, A is the axial contact deflection between the shaft and the auxiliary bearing inner
raceway, C is the axial damping coefficient of the auxiliary bearing, and z is the axial
displacement.

The contact force in the axial direction is calculated as

F..=K.A, (33)

where K, can be expressed as

K =E\|n(3 =) 10.96(1-1?). (34)

2.2 Matrices
2.2.1 Stiffness matrix

The stiffness matrix is used to calculate the support moments by using the possible nodal
displacements acting on the beam and/or truss contributing to the force of each element.
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K,=—tle (35)

¢ (1+9)L
K, is the stiffness element value of the stiffness matrix. The value of ¢ can be defined as follows:

_12EI, 12EI, 36)

T GrAI2 GK%(Doz _Diz)Lz '

Here, /, is the moment of inertia of the beam and « is the shear correction factor, which takes
into account the non-uniform shear stress distribution over the beam cross section.
The shear correction factor for a hollow cylinder cross section can be expressed as

6(1+v)(1+%2)
o ( +v)(2+ ) | -
(7+6v)(1+ %R} +(20+12v) %>

where v is the Poisson ratio and *R is the ratio between the inner and outer radii of the rotor’s
element.

2.2.2 Mass matrix and gyroscopic matrix

A similar concept to the stiffness matrix is also used to obtain the mass matrix and gyroscopic
matrix. The mass matrix M, and gyroscopic matrix G, of an element are calculated as

T

M, ——2AL o) , (38)

“T840(1+4)  840(1+¢)

G _p]e

T .

where p is the density of the element material, L is the length of the element, D, is the outer
diameter of the element, D; is the inner diameter of the element, and /, is the moment of inertia
of the beam. The gyroscopic and damping matrices were neglected in this simulation.

2.3 Rating life of bearing

The touchdown bearing will act as a sacrificial device in the case of a dropdown event, which
means that it will absorb the contact and friction forces and thus undergo wearing instead of the
stator and rotor. The damage to the rotor will be minimized as the damaging force is absorbed by
the touchdown bearing. Contact between the stator and the rotor must be avoided.
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The touchdown bearing, as mentioned above, is used as the landing pad for the stator when
the system experiences a power failure or is turned off. Depending on the control of the system,
the rotor can come in contact with the touchdown bearing either gradually or abruptly in the
shutting down process. This means that damage to the touchdown bearing is unavoidable.

Broadly speaking, the bearing life is the period during which a bearing continues to operate
and satisfy its required functions.?D The bearing life can be defined as the noise life, abrasion
life, grease life, or rolling fatigue life, depending on the cause of the loss of bearing service.
Aside from natural deterioration, bearings may fail when heat seizure, fracture, scoring of the
rings, damage to the seals or the cage, or other damage occurs.

When rolling bearings are operated under a load, the raceways of their inner and outer rings
and rolling elements are subjected to repeated cyclic stress. Because of the metal fatigue of the
rolling contact surfaces of the raceways and rolling elements, scaly particles may separate from
the bearing material. This phenomenon is called “flaking”, as shown in Fig. 6. Rolling fatigue
life is represented by the number of revolutions of a bearing before flaking due to stress occurs.

The basic rating life is the number of revolutions (10° rev) of the bearing before it fails. The
basic rating life function is expressed as the relation between the bearing load (as an equivalent
load) and the basic load rating. The equivalent load is the hypothetical value of the load if it
consists of the radial load and axial load. The basic rating life can be calculated using the

following formula:(2)

3
L= (gj , 40)

where C is the basic load rating, which can be obtained from the manufacturer catalogue, and P
is the bearing load or equivalent load. The equivalent load can be calculated using

P=XF. +YF,, (41)

where F, and F, are the radial and axial loads, and X and Y are the radial and axial load factors,
which can be found in the manufacturer’s catalogue, respectively.

Fig. 6. (Color online) Inner raceway flaking.
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3. Simulation

The simulation is run using the parameters from Tables 2—4. The simulation is executed
using a simulator based on MATLAB App Designer. The mathematical formulations are written
in the m-file and Simulink block diagram. The simulator first calculates the initial position of the
rotor using Eq. (1). The result is used to calculate the effective external forces that drive the
displacement of the rotor during the rotor dropdown event.

If the displacement exceeds the air gap of the touchdown bearing, then the contact force is
calculated and included in the calculation for the next iteration. There are two external forces, as
mentioned in the previous section, but only the radial contact force is used for the rotor

displacement calculation.

Table 2

Rotor specifications.

Parameter Data
Mass of rotor (m) 32 kg
Rotor speed 18000 rpm
Shaft radius (Ry) 29.9 x 10> m
Rotor eccentricity (1) 1.25x 10 ®m
Air gap between rotor and auxiliary bearing 1x10™*m
Rotor moment of inertia (/) 0.795 kg-m2
Table 3

Touchdown bearing specifications.

Parameter Data
Inner and outer radii (R; and Rp) 0.03 and 0.0425 m
Number of balls (Z) 27

Ball diameter (Dj) 7938 x 10> m
Auxiliary bearing stiffness (Kp) 1.32 x 108 N/m
Young’s modulus of raceway (E;,) 208 GPa
Poisson ratio of raceway (v; o) 0.3
Young’s modulus of ball (£p) 300320 GPa
Poisson ratio of ball (vp) 0.26
Damping support (Cy) 18.72 Ns/m
Stiffness support (Ky) 2.52 x 10" N/m
Table 4
Parameters of finite element model of rotor.

Parameter Data
Number of elements 72
Number of nodes 73
Number of degrees of freedom 2

Total number of degrees of freedom 146
Rotor length 772.87 mm
Magnetic bearing nodes 22 and 61
Auxiliary bearing nodes 13 and 70
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The parameters for the rotor are calculated by the finite element method, and the rotor is
divided into a number of elements. Each element is transformed into matrices and calculated by
the simulator. Details of the finite element representation of the rotor are shown in Figs. 7 and 8.

The simulation is also run to compare five stiffness support designs and two damping support
designs. The stiffness support designs have different thicknesses (0.37, 0.50, 0.63, 0.76, and 0.88
mm) while the other parameters are identical. The design values of the stiffness support are
shown in Table 5. Then for each stiffness support design, the stiffness coefficient (K) is obtained
from Rao’s formula(!?) as follows:

Ky =48(Eqpying )w(é} “2)

Each stiffness coefficient from the design is incorporated into the simulator calculation. The
maximum displacement of each touchdown bearing (TDB for short) for each stiffness support
design is shown in Table 6. The number of 1 or 2 after “TDB” denotes the position of the bearing
(1 = front touchdown bearing, 2 = rear touchdown bearing).

Fig. 7. (Color online) Flexible rotor with beam elements in finite element model.

Fig. 8.  (Color online) 3D model of rotor.

Table 5

Stiffness support for design parameter.

Specification Design_1 Design 2 Design_3 Design_4 Design_5
Material Stainless steel ~ Stainless steel ~ Stainless steel ~ Stainless steel  Stainless steel
Diameter (mm) 85 85 85 85 85
Width (w) (mm) 26 26 26 26 26
Pitch (p) (mm) 7.5 7.5 7.5 7.5 7.5
Thickness (7) (mm) 0.37 0.50 0.63 0.76 0.88
Young’s modulus (Espring) 197 197 197 197 197
(GPa)

Mass (kg) 0.87 0.87 0.87 0.87 0.87

Damping ratio () 0.001-0.002 0.001-0.002 0.001-0.002 0.001-0.002 0.001-0.002




Displacement (meter)
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Table 6

Stiffness support for each design.

Thickness K value Max. displacement Max. displacement

(mm) (10 N/m) of TDBI (10 m) of TDB2 (10 * m)
X y X y

0.37 2.95 1.10 1.20 1.10 1.20

0.5 7.28 1.10 1.20 1.10 1.20

0.63 14.6 1.10 1.20 1.10 1.20

0.76 252 1.00 1.20 1.00 1.20

0.88 40.0 1.00 1.20 1.00 1.20

4. Results and Discussion

Once the prerequired parameters are obtained, the simulator can begin to calculate the
displacement of the rotor for the first iteration. There are two touchdown bearing joints, as can
be seen from Table 4. The results for each touchdown bearing are calculated separately and are
shown in Fig. 9, where the touchdown bearings are denoted as “front TDB” and “rear TDB”. As
shown in Fig. 9, the maximum displacement does not exceed twice the length of the air gap or
the critical gap. The maximum displacements of the rotor in the y-axis for the front TDB and
bottom TDB are 0.121 and 0.159 mm, respectively. The displacement of the rear TDB is higher,
which is assumed to be because the mass unbalance is more tilted toward the rear TDB. In this
study, the unbalance force is the factor most strongly affecting the rotor movement during the
rotor dropdown event.

The contact force (Fig. 10) shows values of 121 and 103 kN for the front TDB and rear TDB,
respectively. These results are due to the mass and the high rotating speed of the rotor. The mass
of the rotor affects the gravity force and the unbalance force. However, because of the high
rotating speed of the rotor, the unbalance force generated is very high, which in turn affects the
magnitude of the contact force. This phenomenon will gradually decrease with decreasing
rotating speed of the rotor due to the friction force between the rotor and the inner raceway of the
bearing.

The orbit of the rotor during the rotor dropdown event is shown in Fig. 11. The rotor orbit is
drawn using the rotor displacement in Fig. 9. The rotor orbit shows that the rotor did not undergo

Fig. 9. (Color online) Displacement of touchdown bearings over time: (a) front TDB and (b) rear TDB.
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Fig. 10. Contact force of touchdown bearings: (a) front TDB and (b) rear TDB.
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Fig. 11.  (Color online) Orbits of touchdown bearing rotors: (a) front and (b) bottom.

any forward or backward whirl. The rotor is shown to bounce erratically inside the touchdown
bearing. The figure also shows a circular profile on the rear TDB, which represents the inner
raceway of the bearing. The higher displacement and contact force of the rear TDB is also
represented by the more erratic bounce of the rotor.

Figure 11 shows the rotor orbits during the rotor drop event, where the initial rotor speed is
18000 rpm and the stiffness and damping coefficients are 2.52 x 107 N/m and 18.72 N,
respectively (without any support component). The resulting contact force can be seen in Fig. 12;
values of 1.807 x 10% and 1.419 x 10* N were obtained on TDBI1 and TDB2, respectively. Also,
from Fig. 10 the maximum reduction occurred at a damping support (C,,) of 18.72 Ns/m, at
which the contact force decreases to 1.645 x 10* N at TDBI and 1.353 x 10* N at TDB2. Under
the condition of Cy; = 9.36 Ns/m the contact force also decreases, but the decrease is less than
that when using Cy,; the magnitudes of the contact force for both auxiliary bearings are
1.798 x 10* N (TDBI) and 1.403 x 10* N (TDB2). Figure 11 shows that a smaller damping
coefficient results in less response from the motor. On this basis, it is assumed that a higher
damping support results in less contact force but a more erratic rotor response.
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Figure 13 shows the rotor displacement in the axial direction. The axial results are smoother
than the radial results because in the axial direction the rotor rotation, unbalance force, and
gravity force do not directly affect the rotor movement in the z-axis. The rotor thrust in the z-axis
is calculated from the fluid momentum and pressure force inside the impeller. The contact force
in the axial direction is 200 N, considerably lower than that in the radial direction as shown in
Fig. 14.

The bearing life rating can be predicted using Eq. (40). By considering the load in both the
axial and radial directions, the life rating for the touchdown bearing was found to be 0.07196
million revolutions. This means that the under a constant high load from the aforementioned
contact force, the bearing could endure 71960 rotations before it fails. If the bearing rotation
speed and contact force decrease over time, then the life rating can be expected to increase. If the
rotor is rotating at its maximum speed of 18000 rpm, then the maximum lifetime of the
touchdown bearing is 3.9 min.

Average Contact Force
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Fig. 12. (Color online) Contact force with different types of damping support.
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Fig. 13. (Color online) Rotor displacement in z-axis.
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Fig. 14. Axial contact force.

5. Conclusions

We discussed the radial and axial contact forces acting on an auxiliary bearing. The radial
contact force can be reduced by using stiffness support and damping support. The magnitude of
the contact force is related to the rotor speed. When selecting a bearing, the contact force in the
radial and axial directions can be used as a baseline. Furthermore, there is a large external force
in the radial direction, which affects the rotor shaft movement and contact force during the rotor
dropdown event. The axial direction is strongly affected by the rotor speed and the fluid force
inside the impeller, which apply pressure to the impeller surface and thus apply pressure to the
shaft in the axial direction. The simulation results show that the maximum contact force for
application without stiffness support and damping support is 1.807 x 107 N. By using stiffness
support and damping support, the value can be reduced to 1.645 x 107 N. The use of damping
support is demonstrated to reduce the contact force and the erratic movement of the rotor on
contact. The bearing rating is 71960 and the bearing lifetime is 3.9 min. During the rotor drop
event, the bearing rating and bearing lifetime increase gradually due to the gradual loss of rotor
speed and the decrease in contact force. The results of the simulation can be applied to design
and for further improvement of the mechanics and control of auxiliary bearings in AMB
systems.
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